In this work, the dynamic model of a multi-regime hybrid vehicle powertrain architecture is presented. The study focuses on the formulae governing the operation of the planetary gear systems in the powertrain and on the performance of a more complex heavyduty vehicle with varying loading conditions. The model is compared with models of the Toyota Hybrid System, a generic full-parallel design, and a conventional powertrain, all implemented for a commercial delivery vehicle in the ADVISOR simulation software. Computer simulations in ADVISOR compare the performance of the various designs, using fuel consumption as the performance metric, for four different drive cycles common for this vehicular application. The results demonstrate that the multi-regime architecture provides significantly improved performance to that of the conventional and THS design and comparable performance to that of the full-parallel hybrid design. The study confirms that the multi-regime architecture presents unique advantages for wide-ranging road loads and vehicle payloads and that multi-regime designs likely represent the future of hybrid vehicle technology. 
In normal power feed-forward operation, the power through both the electric variator and mechanical path flow from input to output of the transmission. However, there are some situations where the power-split design has inherent inefficiency, known as powerloop operation. There are two types of power-loop operation: negative recirculation and positive recirculation. When negative recirculation occurs, the power in the electric variator flows from output to input, causing the power in the mechanical path to be greater than the input power. When positive recirculation occurs, the power in the mechanical path flows from output to input, causing the power in the electric variator to be greater than the input power. Both operations decrease both the efficiency of the transmission, and as a result, decrease the output power. This situation is therefore usually undesirable; however, in some cases, this situation can be purposefully caused in order to slow down the engine and decrease fuel consumption, a phenomenon known as engine lagging or negative split.
The method for determining whether negative recirculation, power feed-forward or positive recirculation occurs is to calculate the ratio of the power input to the electric variator to the input power from the engine (Villeneuve 2004): , var in ratio input
The value of P ratio dictates the type of operation, as shown in Table 1 .
Table 1
Power-split architecture operation Source: (Villeneuve 2004 ), page 3.
P ratio value
Description Power-split operation P ratio ≤-1
Power through variator is larger than or equal to input power
Negative recirculation -1< P ratio <0 Power through variator is less than input power Negative recirculation P ratio =0 No power through variator Power-split, node point 0<P ratio <0.5 Power through variator is less than through mechanical path Power-split
0.5≤ P ratio <1
Power through variator is greater than or equal to that through mechanical path
Power-split

P ratio ≥1
Power through variator is larger than or equal to input power
Positive recirculation
Power-split designs include input-split, output-split and compound-split architectures. In input-split and output-split architectures the mechanical power of the engine is split once between mechanical power that directly powers the wheels and electrical power that is sent to the motor/generators (MGs) and battery. Conversely, compound-split architectures split the mechanical power of the engine between two or more mechanical paths and the electrical path; the split mechanical power is re-combined at the output of the transmission. Node points occur at low speed ratios in input-split, at high speed ratios in output split, and in intermediate speed ratios for compound split. Thus, the choice of design depends on the particular application duty cycle.
One-mode, two-mode and multi-regime architectures
The leading power-split design, popularized by the Toyota Hybrid System (THS) installed in the Toyota Prius, is known as "one-mode" architecture. A considerable amount of work has been done to model and simulate the performance of the marketleading Prius THS system, from an environmental perspective (Lave et al. 2002) , to performance evaluation (Kelly et al. 2001; Liu et al. 2005; Meisel 2006; Muta et al. 2004; Staunton et al. 2006; Williamson et al. 2006 ) and component development (Kamiya 2006) , and even a method to use the electrical system of the THS to provide electricity in the event of a power outage (Oyobe et al. 2005) . A high degree of confidence has been achieved in the understanding of the THS system, even though a full dynamic analysis has, to the authors' knowledge, only been attempted by Liu et al. (Liu et al. 2005) . The same research group also optimized the control strategy of the Prius using an instantaneous optimization algorithm called the Equivalent Consumption Minimization Strategy (ECMS) and compared the results to those achieved using a dynamic programming (DP) technique (Liu et al. 2006 ).
The THS design, which is input-split, has been advantageous because of its relative simplicity and its increased performance over competing hybrid designs; however, the performance of the Prius at high speeds and on steep grades has been less than spectacular, and the achieved fuel consumption has been much higher than the value declared by the Environmental Protection Agency (EPA) in the United States and Energuide in Canada (hybridexperience.ca 2007) . Furthermore, when the THS is employed in heavier vehicles, such as vehicles that are used for towing applications or for delivering heavy payloads, this hybrid design is likely not the optimal one because of the inflexibility of this type of power-split architecture. The input-split nature of the design allows for only one node or mechanical point, and as the vehicle loading increases, the power flow through the powertrain moves away from this peak efficiency point. In normal light-duty vehicle operation, the node point will occur at a high enough velocity that the efficiency will not be drastically diminished; however, for a commercial vehicle with a full payload, the node point will occur at a low velocity that will result in low efficiencies at moderate and high speeds.
The introduction of the two-mode architecture is an attempt to improve upon the THS design. A two-mode power-split design allows for two input-split, output-split, or compound-split pairs, or any combination of two power-split modes. The key difference between one-and two-mode designs is the addition of clutches and/or brakes to create different power flow paths through the transmission. This increases the number of possible transmission configurations and adds nodes to the transmission. The clutches are engaged and disengaged by the electronic control unit (ECU) that oversees the entire transmission. The ECU uses system information such as component efficiency maps, ESS state-of-charge (SOC), road load and driver demand to determine which mode is optimal for the given conditions. The additional power-split modes should in theory provide more efficient performance over a wider range of vehicle loads, than one-regime designs, while maintaining the ability to operate as an electronic CVT (eCVT): the additional nodes result in more output-to-input speed ratios at which the power is transmitted only via the mechanical path. However, the additional mechanical components will certainly increase both capital and maintenance costs.
The concept of the "multi-regime" architecture can be introduced. Multi-regime designs can have any combination of series, parallel, and power-split configurations.
Some hybrid vehicles have an all-electric regime (AER); however, this regime can be thought of as a series regime with the engine off, and so it will not be considered to be a separate regime from series. The multiple configurations of multi-regime designs allow the ECU to select transmission configurations with widely ranging characteristics and advantages according to the vehicle load and powertrain components. Depending on the design goals, this means that the control strategy can ensure that the vehicle achieves optimal performance in metrics such as acceleration, towing capacity, or fuel consumption. It is this flexibility that is the rationale for the more complex control strategy and additional components. Furthermore, a multi-regime architecture that incorporates multiple categories is more adaptable to a wide range of vehicle types and applications. A two-mode design can be considered to be a multi-regime architecture; however, multi-regime architectures can take the design concept of the two-mode one step further and incorporate other types of hybrid configurations in order to achieve optimal efficiency for as many types of driving conditions and driver demands as possible.
Multi-regime architectures have only recently been discussed in the literature. General Motors (GM) (Schmidt 1999; Schmidt et al. 2005) , Renault (Villeneuve 2004) , The Timken Company (Ai et al. 2004) , Silvatech (Dyck et al. 2006) , and researchers from the University of Michigan-Dearborn (Zhang et al. 2006 ) have all released details of their designs. In the case of GM, some 33 patents and multiple academic articles are devoted to disseminating the various designs of the company. GM is also the only company to commercialize a multi-regime design at time of writing, in transit buses and in soon-to-be-released light-duty vehicles (LDVs) such as the Chevrolet Tahoe, GMC Yukon, Chrysler Aspen and Dodge Durango (Grewe et al. 2007) . A full literature review of the designs from the companies mentioned above can be found in (Wishart et al. 2008 ). These designs have been referred to as "multi-mode" in some references, for example (Zhang et al. 2006) . Some confusion arises in the literature since the patents and academic papers by GM sometimes refers an operating regime such as series as a mode, and sometimes reserves the term mode strictly for power-split configurations. To avoid overlapping definitions, designs that allow for singular and multiple operating regimes are heretofore known as "uni-regime" and "multi-regime", respectively, and the term "mode" shall be reserved for power-split designs only. Unless specified as multi-regime, a uni-regime architecture is assumed.
The objective of this work is to provide a model of a multi-regime architecture that is at the forefront of hybrid vehicle powertrain architecture design. This advanced powertrain model is compared with other powertrain designs to examine the relative performance of the new design concept and to determine the potential benefits of this design concept. The example vehicular application is that of a commercial heavy-duty vehicle (HDV); this vehicular application is more complex since its payload can vary substantially. The study is a preliminary step in the design optimization of multi-regime architectures for a broad range of applications. The model of the study architecture is first disseminated in detail. The simulations that were performed are then discussed and the results are analyzed. Finally, conclusions on the efficacy of multi-regime designs are made and discussion on future avenues of research ensues.
Study Powertrain Model
The powertrain design chosen for the study is shown below in Figure 1 . The design is from patent number 6,478,705 that was granted in 2002 to A. Holmes et al. and assigned to General Motors (Holmes et al. 2002) . The study powertrain design was chosen before the commercialized design details of the Two-mode Hybrid architecture installed in hybrid versions of the 2008 Chevrolet Tahoe and GMC Yukon (and potentially Dodge Durango and Chrysler Aspen) models had been released; subsequent studies will use these architectures, although the added complexity of more regimes may become prohibitive. The architecture contains two PSDs, three clutches and two electric machines. In the design, the engine is connected via a clutch (CL3) to the first ring gear (R1); the first motor/generator (MG1) is directly connected to the first sun gear (S1) and also via a counter shaft and a clutch (CL2) to the second ring gear (R2); the first (C1) and second (C2) carriers are directly connected to the driveshaft; R2 is connected to a fixed member via a clutch (CL1); the second motor/generator (MG2) is connected to the second sun gear (S2).
Figure 1
Study multi-regime architecture Source: (Holmes et al. 2002) , page 760.
The study architecture a three-regime design is capable of operating as an EV or in one of two power-split modes. The AER made possible by the EV configuration is confined by the ECU to low speeds and powers so that the ESS is not drained deleteriously. AER is almost exclusively used for vehicle launch. EV operation is enabled by disengaging CL3 and having the ESS send power to MG2, which in turn powers the wheels. Both the engine and MG1 are off.
For power-split operation, CL3 is engaged along with one of the other two clutches. The engine is also started and begins to provide power. The two power-split modes cover two conditions: low and high speed. The low-speed mode is enabled by engaging CL1 and disengaging CL2. This action disconnects MG1 from the second PSD, locks R2 to a fixed member, and results in an input-split configuration. This mode is used between the low-speed requirements that can be satisfied by the AER and the high-speed requirements satisfied by the high-speed mode. The road load and driver demand will dictate the power level of the powertrain and thus the speeds at which the regimes change will vary. It should be noted that in low mode the schematic is nearly identical to the Toyota Prius THS design. The two differences between the two are the connection of the engine to the ring gear in the former and the type of output gearing present: the GM design uses a PSD with the ring gear fixed and the THS uses a conventional geartrain. The low-speed mode has one node, which occurs at the point of transition to the high-speed mode.
The high-speed mode is enabled at the first node by disengaging CL1 and engaging CL2. This action, known as a mechanical point, connects MG1 to R2 and results in a compound-split configuration. This mode has two nodes, the first being the one shared with the low-speed mode and a second mode at a higher output-to-input speed ratio. The additional node provides more efficient operation at higher speeds.
The various operating regimes are summarized below in Table 2 . Note that only regimes in which there is forward vehicle motion are shown, although reverse regimes are also possible. An ESS-charging regime in which there is no forward movement is achievable by applying the mechanical brakes to prevent any forward motion. The model equations are presented in detail in the following sections. The mechanical path to the wheels will be considered first, followed by the electric variator path. Finally, the control strategy of the ECU is discussed.
Mechanical path
The mechanical path from engine to wheels will first be considered. The first step in understanding the power-split architecture model is to determine the mechanics of the PSDs. As will be shown, a dynamic analysis is necessary to properly describe the mechanical system. To begin, a planetary gear will be defined. A planetary gear consists of an internal sun gear (with external teeth), about which one or more planet gears (with external teeth) revolve, surrounded by an external ring gear (with internal teeth). A carrier is fixed to the planet gears at their axes of rotation. A planetary gear with four planets is shown below in Figure 2 .
Figure 2
Illustration of a PSD The angular speed relationship between the sun, ring and carriers of any PSD can be obtained from a simple consideration of the gear ratios between the gears, and is given by ( )
where k is the planetary gear ratio that is governed by the following relationship between the radii of the ring and sun gears:
For the first PSD in the study model, equation (2) becomes
where the value for k 1 was assumed to be 2.6; this is the value for the second-generation Toyota Prius THS system; and ω S1 , ω R1 , and ω C1 are the angular speeds of the first sun gear, ring gear and carrier. The relationship for the torques on the various PSD gears is not as simple. Several papers, for example references (Ahn et al. 2006; Meisel 2006; Miller 2006; Zhang et al. 2006) , have used a static analysis to conclude that the torque relations are constant for all speeds. The results of the static analysis are three equations that show simple relationships between the gear torques that not only depend only on the gear ratio, but also allow for knowledge of two unknown output torques to be obtained for one known input:
A dynamic analysis shows that these torque relations are valid only for kinetostatic conditions, i.e. one of the shafts is fixed, or if sun gear, ring gear, and carrier rotate at equal angular velocities and the planets do not rotate on their axes at all. It is important to note that the PSD is a three-port device: for both the velocity and the torque analyses, two of the three variables must be specified or the system reaction will be unknown. The errors in the literature have likely arisen because in most applications in which a planetary gear is employed, one of the three shafts of the device is held fixed, and the set of relations in equations (5)- (7) are valid in this special case; in the case of a power-split hybrid architecture, none of the shafts are held fixed, and the relations in the equation do not necessarily apply. The relations in equations (5)-(7) are simply one possible control strategy. It is therefore necessary to derive the true dynamic equations for the relationship between the input and output torques of the PSD, as was done in the previously mentioned studies conducted by (Liu et al. 2005; Zhang et al. 2001; Zhang et al. 2004) .
The derivation of the dynamics of the PSD can be determined through either Kane's equations or free-body analysis and the equation of rotational motion, derived from Newton's Second Law. The latter method is chosen so that the forces and torques at each rotating component can be seen explicitly. The engine can only rotate in the positive direction. When moving forward, the driveshaft and axle also rotate in the positive direction. In the following analysis, all gears are assumed to be perfect cylinders with no slip between meshing gears. The forces between meshing gears are assumed to be tangential, as the normal components cancel out throughout all contact points of the meshing gears. Also, no Coriolis effects or clearance among gears are considered. Resistance torques in the bearings of rotating members can be modelled to include both damping and frictional effects. The quadratic function for the resistance torque of component i can be modelled as (Zhang et al. 2004) 
However, in order to use equation (8), experimental values for the coefficients A, B, and C must be used. In the absence of this data, all resistance torques for the current study will assume a negligible value but will be included in the formulaic derivation for clarity.
This will bias the simulation results to a more optimistic value for fuel consumption; however, as the assumption is made for all types of architectures, the relative effects should be constant.
Since the equation of rotational motion will be used, the angular accelerations of the various components will be determined. The ECU will receive signals of not the acceleration but the current angular velocity of the engine, driveshaft, and two MGs. The angular acceleration of component i is related to the initial speed ω i, init and final angular speed ω i, final and the time t during which the torque is applied by the equation
where the amount of time each torque is applied is also determined by the ECU.
The free body of a planet on the first PSD, designated as P1, will be analyzed first. For simplicity, the forces and torques acting on all planets are aggregated to one planet; the distribution of the forces on the planets can be determined by dividing the determined forces and torques by the number of planets. The planet gear will have two distinct motions: rotation about its axis of symmetry (designated as point O) and revolution about the center of the PSD assembly (designated as point C). The revolution component can be thought of as a pinion gear moving horizontally and meshing (and constrained by) two horizontal racks, where the ring and sun gears are said racks.
The revolving movement of the planet gear will now be considered through free-body analysis. The carrier C1 applies a force on the planet which is tangential to the shaft. The planet is dragged around the shaft and its teeth make contact with the teeth of the ring R1 and sun S1 gears. Consequently, R1 and S1 exert a reaction force opposite to the force caused by C1. The direction of these reaction forces may change depending on the rotation of the planets about their own axes resulting in various operating conditions. Using the equation of rotational motion, the sum of the torques about point C cause a resultant angular acceleration:
where α P1, about M1 is the angular acceleration of the planet about point M1 and J P1, M1 is the moment of inertial (MOI) of the planet about point M1, which will include a ParallelAxis Theorem component, and r P1 and r S1 are the radii of P1 and S1, respectively. The angular acceleration is also equal to the angular acceleration of C1. The effect of gravity will be cancelled out due to the symmetric distribution of the planets around the sun gear. The gravitational forces on the other gears will not be included in subsequent free-body diagrams since the gravitational forces all act at the axis of rotation, thus no moments are created. At any given instant, P1 will have rectilinear acceleration as well. Assuming P1 at its highest possible vertical location, Newton's 2 nd Law becomes:
where a P1, x is the rectilinear acceleration in the x-direction. Notice that the resistance in the bearings of P1 does not affect this acceleration since the torque acting in all directions and the positive x-direction components cancel out the negative ones. The rectilinear acceleration is related to the revolutionary angular acceleration by the equation
where
Similar equations can easily be derived for the planets at the other revolving positions; in each case, the tangential acceleration is directly proportional to the rotation of C1.
For the rotational motion of P1, the equation of rotational motion is
where J P1 is the MOI of the planet about its axis of symmetry and α P1, about O1 is the rotational angular acceleration of P1. T P1-resistance denotes the resistance in the planet bearings, and its direction depends on whether the planet has positive or negative angular velocity: if the planet rotation is positive, then the friction torque will be negative and vice versa. Equation (14) is a significant departure from the dynamic analysis done by reference (Liu et al. 2005 ). In the latter derivation, the forces of the ring and sun gear acting on the planet gears are assumed to be equal because resistance in the planets' bearings is considered negligible, as is the planet gears' MOI. However, it can be easily seen that for k=2.6 (the planetary gear ratio of the study model),
The MOI of a circular disk is equal to the product of mass and the square of the disk radius, and the aggregate MOI of the planet gears should not be easily dismissed. It is also not clear that the planet gear resistance will be negligible either; further study is required to elucidate the effects of resistance in the planet gear bearings. The analysis of S1 will now be performed. There is a resultant force due to P1, a resistance torque due to the shaft and rotor of MG1, a resistance torque due to the bearings of S1, and the torque due to MG1. The equation of rotational motion for S1 is then P1 S1 S1 MG1 MG1 S1 S1 MG1 S1 S1 resistance shaft resistance shaft
where the force term is the reaction force equal in magnitude and opposite direction to the force F S1-P1 in equations (10), (11) and (14), and the term J S1+MG1+S1-shaft includes the MOIs of the sun gear, MG1, and of the shaft connecting the two. It should be noted that the torque of MG1 is in the same direction as its shaft rotation when the MG is operating as a motor and in the opposite direction to its shaft rotation when it is operating as a generator. The two resistance terms oppose the rotational motion.
The free-body analysis of R1 shows that the engine is forcing R1 to rotate positively, and there is the reaction force due to the planet gears, as well as resistance torques from the rotating engine components and the ring gear bearing. The latter torques will either be zero (for AER) or in the opposite direction to the engine rotation. The equation of rotational motion for R1 is then
The second PSD can be analyzed in a similar manner. The speed relationship for the second PSD is ( )
( 1 8 ) where k 2 is assigned a value of 2.6. In the AER and in the low-speed mode, equation (18) As before, similar equations can be derived for the planets at the other revolving positions; in each case, the tangential acceleration is directly proportional to the rotation of C2.
For the rotational motion of P2, the equation of rotational motion is
The analysis of S2 is identical to that of S1, except that MG2 is substituted for MG1 and S2 for S1 in equation (16):
The equation of rotational motion is applied to R2 only in the high-speed regime, since R2 is fixed in the AER and in the low-speed mode. In the high-speed regime, the equation of rotational motion is
Finally, the rigid body consisting of C1, C2, the intermediate shaft and the drive shaft will be analyzed. P1 and P2 will impose a force and the intermediate shaft and driveshaft will together impose a negative reaction torque. The MOI term will include both carriers, the intermediate shaft and the driveshaft. The resistance term will include the resistance in the bearings of C1 and C2. 
where T FD-resistance is the rotation resistance, J FD is the MOI, and α FC is the angular acceleration of the final drive. The axle and the wheel form a rigid body. All of the dynamics is depicted as occurring at a single wheel; this artificial situation does not affect the end result and is used simply as a matter of convenience. The ground is assumed to be rigid, i.e. there is no deformation. Thus, the normal force exerted on the wheel is perpendicular to the ground. The torques included are the driving torque T FD , a torque due to the mechanical brakes (assumed to act at some radius of the wheel), the axle resistance, and the frictional torque acting on the axle:
FD axle axle brake rolling-friction wheel axles wheels wheel resist
where the MOI term includes the MOIs of all four wheels and front and back axles. The rolling friction term will be different for front and back wheels, although the aggregate sum can be used as long as wheel slip is accounted for. The present formulation will ignore the effects of "squat" and "dive" that changes the distribution of mass during acceleration and deceleration, respectively, and assume a front-wheel driven design. The maximum friction possible on the drive wheel, beyond which the wheel will slip is known as the limiting tractive effort, given by (Miller 2004 ):
where the coefficient of friction μ(s) is a function of the wheel slip and can be approximated by empirical data. The normal force of equation (31) is given by (Miller 2004) 2
where B is the distance from the rear axle to the centroid of the vehicle and L is the distance between the axles. In order to determine the amount of slip, the driving torques are converted to forces and equated to the tractive limit:
( ) 
The analysis can now be moved to the overall vehicle, which will have an identical rectilinear acceleration to the wheel. In terms of rectilinear acceleration of the entire vehicle, an incline term and air drag must be considered. Firstly, the total acceleration of the vehicle will be the vector difference of the acceleration from the wheels, the acceleration from air drag on the vehicle and the inclination: where ρ air is the density of air; C d is the drag coefficient; A F is the frontal cross-sectional area; and aero v r is the vector sum of the vehicle velocity and wind parallel to the vehicular motion. The wind vector is assumed to be positive if it is in the opposite direction to the vehicle motion. It should be noted that C rr will be different for a vehicle that is stationary and that in extreme circumstances at low speeds, that the wind may be a tailwind, meaning that A F and C d will be associated with the rear geometry of the vehicle. The total acceleration of the vehicle is then 
where the wheels are assumed to be perfectly cylindrical but are subject to wheel slip s. 
The analysis above results in a system of unknowns and an equal number of equations. The set of design variables, variables that are either determined by or sent to the ECU, as well as the unknown variables are presented in Table 5 in the Appendix.
Node points
The next step is to calculate the node points of the system. The node points can be found by finding the locations where the MGs have zero speed. The first node occurs when MG1 is at zero speed at the transition point between low-and high-speed mode. Using equation (4), and defining R o-i as the output-to-input speed ratio where ω engine is the input and ω inter is the output gives
for a value of 0.72. When the output-to-input speed ratio equals this value, all of the power from the engine will travel via the mechanical path. When the output-to-input speed ratio is near the value of equation (38), the system efficiency is high. Choosing the gear ratio of the PSD is therefore a crucial element in the design strategy. The second node occurs when MG2 is at zero speed. Using equation (20), the node occurs at the point:
This gives a value of 1.17, and this second node will occur in the high-speed mode.
Electrical Path
The power through the electrical path will now be considered. Firstly, the electrical power flow from MG1 is given by
where the electrical power flowing from MG1 is zero for two cases: (1) if the torque of MG1 is zero, as the ECU dictates in, for example, the case of low-power AER operation, and (2) if the speed of S1 is zero, as is the case at the first node point. The efficiency term represents the efficiency of the electric machine in converting mechanical power to electrical power, and will correspond to an efficiency map for the particular electric machine chosen; in the study model, MG1 is an 8-pole permanent-magnet (PM) ACsynchronous machine with a rated power of 83 kW and a maximum rotation speed of 10,000 rpm. The negative sign in equation (40) reflects the negative mechanical power associated with the electric machine operating as a generator. Therefore, if the value of P MG1, elec is positive, electrical power flows from MG1 to the ESS and/or MG2, and if the value is negative, MG1 operates as a motor and receives power from one or both of MG2 and the ESS. The electrical power to MG2 is given by . When P batt and I batt are both positive, the ESS is being charged, while when both are negative, the ESS is being discharged. When P batt and I batt equal zero, the SOC is constant. The governing equation of the ESS state is then given by ( )
where SOC init , the initial SOC, is known and SOC final , the final SOC at the end of the time step is to be determined.
In the low-power AER, the power flow of the ESS is directed towards MG2, and is defined as The efficiency term represents the efficiency of the power electronics in delivering the ESS power to MG2, and will include the inverter efficiency, since the power control unit has an inverter (in addition to the boost converter for the ESS) in order to operate at the proper AC voltage required of the electric machine. The efficiency of this and other electrical connections through the power electronics is assumed to be constant regardless of the electrical power transferred. The equation applies also to propulsion in reverse, although the speed of the driveshaft and the applied torque by MG2 will be in the opposite direction. When regenerative braking occurs, and power is flowing from MG2 to the ESS, the power of MG2 becomes negative, and equation (45) changes sign on the RHS to reflect power flowing into the battery. In high-power AER, and also in order to implement engine lagging operation, the power flow from the ESS is directed towards both MGs: 
where the ESS power term on the RHS can be zero if no power is flowing to or from the ESS, greater than zero if the ESS is charging, or less than zero if the ESS is also directing power to MG2. In some instances of ESS charging, especially when idling, all of the power from MG1 will be directed into the ESS, and the power into MG2 will be zero. When MG2 is operating as a generator, the power flow is
The variables in the equations of this section are also included in Table 5 in the Appendix.
Control Strategy
The flow diagram of the model simulation implemented in the backwards-facing framework of ADVISOR is shown in Figure 10 in the Appendix. The diagram also illustrates how the flow is from "wheels" to "driver"; this is opposite to forwards-facing simulation software packages such as Program for new generation vehicles Systems Analysis Toolkit (PSAT) (Hauer et al. 2003) and Modelica-based Dymola, where the flow is from "driver" to "wheels". At pre-determined intervals, the control system accepts signals from the driver (or drive cycle) in the form of a desired velocity. It uses the current and desired vehicle velocities to determine the power demanded of the engine, MGs and ESS. The powertrain module is then used to determine the operating regime, the status of the clutches, the torque-speed values of the engine and MGs, and the power flow of the ESS. The engine and MG power flows are based on component performance maps, while the ESS power flow is based on a performance map that depends on the ESS SOC. The control strategy of the engine also dictates that it will not be shut off for less than 3 seconds and that it will remain off if the engine coolant temperature is too low. If the SOC will be too low once the strategy is implemented, the engine power must be increased; conversely, if the SOC will be too high, the engine power must be decreased. If the engine coolant temperature is too low and the engine is on, the engine must be turned off. Once the demand power is satisfied, the power output strategy is implemented; the power achieved by the powertrain might not meet exactly the power demanded, and ADVISOR keeps track of the points along the drive cycle where the power demand could not be met. The steps of the control strategy are provided below: 1) Determine current vehicle output states at time t. 2) Accept the velocity value input from driver or drive cycle for time t=t+i. 3) Determine the operating regime and engage/disengage clutches as necessary. 4) Accept the 8-second engine power average and engine power values from previous 3 seconds. 5) Calculate the required speeds and torques of the engine, MG1, and MG2 and power flow of the ESS. 6) Calculate ESS SOC if determined action will occur. 7) If ESS SOC is too low, increase the engine power, return to step 5). 8) If ESS SOC is too high, decrease the engine power, return to step 5). 9) If engine coolant temperature is too low AND if the engine is off, the engine is turned on, return to step 5). 10) Set the ESS power flow to discharge electrical energy to either MG1 or MG2 or to accept it from either or both sources. 11) Set the torque of the engine. The engine power demand is used to determine the optimal engine operating point and corresponding engine speed (the amount of fuel required according to the brake-specific fuel consumption (BSFC) map is sent accordingly to the engine.) 12) Set the torque of MG1 to apply to its shaft that will either increase or decrease its shaft speed, depending on whether MG1 is operating as a motor or generator, respectively. 13) Set the torque of MG2 to apply to the driveshaft that will either increase or decrease the driveshaft, and hence wheel, angular speed, depending on whether MG2 is operating as a motor or generator, respectively. When operating as a generator, MG2 will discharge the electrical energy into the ESS until it is full; after this point, the vehicle enters the "Negative-Split" regime, and the electrical energy will be shunted to MG1, which will in turn convert it to mechanical power and slow down the engine speed to conserve fuel and slow down the vehicle in a manner analogous to compression braking on a conventional vehicle. 14) If the required braking power exceeds the capacity of MG2 to convert the kinetic energy to electrical power, apply the mechanical brakes. 15) Apply torques and/or brakes until time t=t+i. 16) Return to step 1).
The time step i can be any length, but the accuracy of the vehicle matching the driver input will obviously improve with smaller intervals, although computation time will increase.
One advantage of the power-split architectures over parallel hybrid designs, in particular designs that are capable of multiple modes, is the flexibility to control the engine speed throughout the vehicle speed range. A higher-efficiency engine speed on a multi-regime vehicle can be achieved by controlling the speed of the electric motors. By maintaining a more constant engine speed and eliminating the fluctuations normally present in both hybrid and conventional powertrain vehicles, an overall improvement in efficiency is achievable. This is due to the sharp efficiency decreases due to engine transients. From the literature, it appears as though the fuel consumption penalty associated with high engine transients is not considered in most modelling efforts.
The overall control strategy used in the model is the one provided in ADVISOR for the THS. The only modification was to the engine power control strategy. Instead of using an instant power demand, the model uses the previous eight seconds to calculate the average power demand over this period and assigns this average power to the current power demand. The ESS accounts for any shortfall in the power available that occurs as a result of the engine power levelling, SOC-permitting. This strategy considerably reduced the power demand transients at the expense of higher ESS depletion; this may have resulted in a higher overall fuel consumption. However, this action is judged to have provided more realistic results than models that allow for large transients to occur without fuel consumption penalty. To further improve the engine efficiency, a longer power period than 8 seconds could be employed. However, larger and higher power energy storage systems could be required as result of an increased power levelling load.
It should also be noted that the ECU used for the THS in ADVISOR assumes the fixed torque relations of equations (5)- (7), and that this control strategy was also employed for the multi-regime model. The control strategy was not altered for this first modelling attempt, although it is likely that a variable PSD torque relationship strategy will allow for superior performance and will investigated in subsequent studies.
To illustrate the various operating regimes of the study model, an example of what is known as an N/V (rotational speed versus velocity) plot for a constantly accelerating drive cycle is illustrated in Figure 3 below. The N/V plot shows the speeds of MG1, MG2, the engine, and the driveshaft versus the vehicle velocity. The transmission operates in AER until approximately 25 km ּ◌hr -1 , after which the engine is started by MG1. The engine quickly arrives at a constant speed that it maintains throughout the remainder of the vehicle velocity increase. The velocities V shift , V S2, V S3 , and V S4 are also shown. As noted previously, V shift and V S3 are determined by the speed of MG1 and MG2, respectively. V S2 and V S4 may occur at any point between V shift and V S3 and beyond V S3 , respectively, or not at all; the ESS SOC will determine whether one of the MGs must operate as a generator or not.
Figure 3
Sample N/V plot for study architecture
At present, the basic control strategy employed in the study is likely not the optimal overall strategy. Future work using dynamic programming techniques will determine how the control system can best utilize the flexibility of power distribution to optimize the efficiency of the drivetrain and to achieve optimal performance.
Vehicle Models
In order to compare and analyze the performance of the multi-regime architecture, a simulation investigation was conducted in which the multi-regime model is compared and contrasted with models of the THS, full-parallel hybrid and conventional powertrain architectures. The vehicle configurations were modelled using the MATLAB/Simulink® programming language and integrated with the vehicle simulation package developed by the National Renewable Energy Laboratory known as the ADvanced VehIcle SimulatOR (ADVISOR®). The version used is the open-source 2002 version, not the most recent 2004 version commercialized by AVL Powertrain Engineering, Inc. The software allows for a multitude of designs and architectures, and is based on the flexible MATLAB/Simulink programming language. A more detailed explanation can be found in (Wipke 1999) . It is important to note that ADVISOR is a steady-state simulation, and is not capable of simulating transient effects. Therefore, the full dynamic equations are not used and the component behaviour between the steady-states cannot be analyzed.
ADVISOR contains a large library of generic vehicle types from which to choose. Base models for the THS, full-parallel, and conventional powertrains were available, and were subsequently altered to exhibit the desired characteristics of the study vehicle. The multi-regime model was developed by significantly modifying the THS model. The body of the vehicle chosen to be simulated was based on a Kenworth T400 truck, a typical commercial vehicle. Characteristics of the vehicle including all components except for the powertrain components are summarized in Table 3 . The major powertrain components of the different architectures are shown below in Table 4 . All four configurations use a compression ignition (CI) engine, with a smaller engine size for the three hybrid models. As can be seen in the table, the Multi-regime and THS models have much the same powertrain components, and the Parallel configuration has the same engine and motor models included. Because the four architectures will have different weights, an attempt was made to account for the differences. In a study by the Electric Power Research Institute, the weight of the powertrain of a conventional vehicle was 20% less than that of the parallel-full hybrid vehicle powertrain (EPRI 2001) . This difference has been retained for this study. Further, it was assumed that the THS and Multi-regime vehicle powertrains were heavier than that of the Conventional vehicle by 25% and 27%, respectively. The latter two weight assumptions were made somewhat arbitrarily; however, the assumptions reflect estimates of the weights of the additional MG, power electronics and PSD(s). The additional weights are included in Table 4 . Note also that the motor power capabilities provided are the rated, continuous value, not the peak value. Finally, the ESS models of the multi-regime and THS designs have the configuration outlined in section 2.2, while the ESS model of the Parallel design has 100 modules of 6 cells⋅module -1 and 1.2 V⋅cell -1 connected in series. 
Simulations
A variety of drive cycles that represent the typical working conditions of heavy commercial vehicles were chosen for the comparison simulations. The fuel consumption was measured over the course of the drive cycles, which are depicted below in Figure 4 , and are described by (NREL 2002 
Discussion and Results
The results of the study demonstrate that Multi-regime architectures are promising for use in heavy vehicles with varying payloads. The fuel consumption simulation results data are shown in Figure 5 for both the "loaded" and "unloaded" cases.
As can be seen from the figure, the Multi-regime vehicle model outperformed the THS and Conventional powertrain vehicles for all drive cycles and loading conditions. The average difference between the fuel consumption achieved by the Multi-regime and the Conventional designs is 7.6%, with the greatest difference occurring for the NYCT (unloaded) at 13.7%. The average difference between the fuel consumption achieved by the Multiregime and the THS designs is 30.3%, with the greatest difference occurring for the NYCT (loaded) at 50.1%. The Multi-regime does not, however, achieve a fuel consumption as low as the Parallel design. The average difference between the multiregime and the parallel designs is -1.9%, with the greatest difference occurring for the NYCT (loaded) with -9.9%.
Figure 5
Simulation results
Loaded Unloaded
The Parallel hybrid, as the most common hybrid design for commercial vehicles (some manufacturers use a series design (LLC 2006; Ltd. 2006; Yamaguchi 2006) ), demonstrates the best over-all performance, and an average improvement in fuel consumption of 9.5% over the conventional design.
The THS architecture was glaringly inadequate for the chosen drive cycles and the heavy vehicle with varying payloads. Far from providing an improvement in fuel consumption, the one-mode vehicle had an average fuel consumption increase of 22.7% over the Conventional design and fared even worse against the Parallel architecture, with an average difference of 32.2% in fuel consumption.
The Multi-regime architecture simulations can also be analyzed in detail. The CSHVR drive cycle, with both loaded and unloaded payload conditions was chosen for illustrative purposes. Figure 6 below depicts the engine power throughout the drive cycle. As expected, the engine power requirements are significantly higher during the full-load situation, on average 18.9 kW higher. Figure 7 below depicts the power of MG1 throughout the drive cycle. As with the engine power, the loaded case demands more power from the MG, on average 7.4 kW higher.
Figure 6
Multi-regime engine power during CSHVR cycle
Figure 7
Multi-regime MG1 power during CSHVR cycle Figure 8 below depicts the power of MG2 throughout the drive cycle. As expected, the loaded case demands more power from the MG, on average 6.8 kW higher.
Figure 8
Multi-regime MG2 power during CSHVR cycle Figure 9 depicts the ESS SOC throughout the drive cycle. In this case, the average SOC for the unloaded case is unexpectedly lower than that of the loaded case. The average difference between the two cases is 1.6%. It is unknown whether this surprising result is an undesirable artifact of the control strategy or if the engine power for the unloaded case is more efficient at a lower power, thereby requiring more power from the ESS.
Figure 9
Multi-regime ESS SOC during CSHVR cycle
Conclusions
In this work, a multi-regime hybrid vehicle powertrain architecture is dynamically modelled in detail. The modelling focuses on the formulae governing the operation of planetary gear systems in the powertrain, and on the performance of a more complex, and less well-known, heavy-duty vehicle with varying loading conditions. The derivation shows that a full dynamic analysis of the system is warranted, and discrepancies found throughout the literature formulae are corrected.
Simulations using hybrid vehicle models in the ADVISOR software of four powertrains were performed: (a) a conventional ICE powertrain as part of a baseline vehicle, (b) a full-parallel hybrid powertrain vehicle, (c) a one-mode (Toyota THS design) hybrid powertrain vehicle, and (d) the multi-regime hybrid powertrain vehicle. The first three models are introduced by modifying the included vehicle templates in ADVISOR to reflect the powertrains of a commercial heavy-duty vehicle. The multiregime architecture was modelled by modifying the one-mode model. The fuel consumption was measured for the commercial vehicle with zero and full payloads and with each powertrain over the course of four drive cycles.
The results of the simulations show that the multi-regime and parallel architectures show marked improvement in fuel consumption performance with respect to the baseline conventional vehicle. The one-mode architecture performed poorly in contrast to the other three. The parallel architecture achieves the lowest fuel consumption; however, the level achieved by the multi-regime architecture is comparable.
Analysis of the simulation results leads to several conclusions. Firstly, the multiregime architecture was shown to be a very promising design for improving fuel consumption, especially in vehicles with widely varying loading conditions. Indeed, the first modelling attempt was able to approach the performance of the (commercial) industry-leading parallel hybrid technology. The study has demonstrated the potential benefits of the advanced multi-regime design concept over current uni-regime designs. Secondly, the control strategy of hybrid vehicles is a crucial area of potential improvement. Since parallel hybrid technology is much more wide-spread and mature, the control strategies have experienced considerable improvement. In regards to the performance of the one-mode architecture, the authors suspect that the existing control strategy implemented in ADVISOR for this vehicle cannot be applied to scaled-up components and a larger commercial vehicle. The result does not necessarily force a conclusion that this architecture is unsuitable in principle for heavier vehicles; indeed, with a properly designed control strategy the architecture could surpass the performance of even the parallel design, although it would likely never improve upon the fuel consumption achieved by the multi-regime system. It is clear that future modelling work must focus on the development of the control strategy of the multi-regime architecture, especially since it provides more degrees of freedom to achieve performance improvement than uni-regime architectures.
The next step in the development of the model is then to improve the control strategy for the multi-regime architecture. The goal will be to develop a real-time, adaptive energy management system. With this system in place, design optimization will be employed to size the powertrain components and optimize the control strategy. Subsequent studies will focus on the industry-leading GM designs that have been commercialized in transit and passenger vehicles.
Figure 10
Control strategy flow diagram 
